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Abstract. 

The main results of a theoretical work on the use of a low temperature heat 

source for power generation through a carbon dioxide transcritical power cycle 

are reported in this paper. The procedure for analyzing the behaviour of the 

proposed cycle consisted in modifying the input pressure to the turbine from 66 

bar, maintained constant each evaluated temperature (60 ºC, 90 ºC, 120 ºC and 

150 ºC) until the net work was approximately zero. As a result, the  

maximum exergy efficiency was 50%, while the energy efficiencies obtained 

were 9.8%, 7.3%, 4.9% and 2.4% and the net specific work was 18.2 kJ/kg, 

12.8 kJ/kg, 7.8 kJ/kg and 3.5 kJ/kg, respectively. Furthermore, the effect of the 

addition of an internal heat exchanger, which obviously supposed an increase in 

the efficiency, was analyzed. The analysis of the proposed system shows the 

viability of implementing this type of process as an energy alternative and/or 

strengthener of non-conventional energy sources in non-provided zones, or for 

increasing the energy efficiency in the industry. 
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Introduction. 

At the present time, efforts must be focused on the energy supply successfully 

fulfilling the challenges of the modern world. The volatility of oil prices, global 

warming, the ozone layer depletion, the economic crisis, among others, are 

problems that require a joint effort with the aim of developing such renewable 

energies as solar, eolic, biomass, and geothermal, as well as the use of residual 

heat and/or at low enthalpy, thus achieving an efficient and rational use of 

energy [1]. 

 

Since conventional steam power cycles cannot give a better performance to 

recover low grade waste heat [2-5], it is necessary to analyze other types of 

processes, such as the organic Rankine cycle (ORC), whose most important 

feature is the availability of using different low temperature heat sources for 

power generation, as has been proposed by [6-12], among many other authors 

The researches realized have analyzed the performance and the use of ORC in 

different applications. In [4] was analyzed the efficiency of the ORC with waste 

heat of processes as well a regenerative ORC appears to be a choice system 

for converting low-grade waste heat to power from the analysis and optimization 

parametric done in [13]. In [11] it was analized how the waste heat from a 

conventional geothermal steam power plant can be efficiently utilized to 

generate electricity by installing a bottoming ORC. Other cycles ORC in 

bottoming cycles with internal combustion engine are shown in [9], whereas in 

[8] was designed and built a prototype low-temperature organic Rankine cycle 

system for reverse osmosis desalination.  

 

However, the so-called pinching problem, due to the constant evaporation 

temperature of the organic substance, can occur in the ORC’s counter current 

heat exchanger evaporator [14-15]. This is not suitable for sensible heat 

sources such as waste heat and therefore, some authors propose the same 

cycle, but with fluids working in supercritical conditions [14,16,17] and/or fluid 

mixtures [15] to achieve a variable temperature when heat is added to the 

working fluid for a better fit with the heat source. This phenomenon is known as 



temperature ‘‘glide’’: different values of temperature at a given pressure. These 

processes are illustrated in Fig. 1. 

 

From the viewpoint of protecting the ozone layer and preventing global 

warming, there is now a strong demand for technology based on ecologically 

safe “natural” working fluids, i.e. fluids like water, air, noble gases, 

hydrocarbons, ammonia and carbon dioxide [18]. Carbon dioxide (CO2) as a 

natural refrigerant has attracted ever more interest in refrigeration applications. 

It is non-toxic, environment-friendly with an Ozone Depletion Potential (ODP) of 

zero [19] and a Global Warming Potential (GWP) of 1 over 100 years [20]. But it 

also has many advantages as a working fluid for power cycles, e.g. the 

moderate value of its critical pressure (73.8 bar), relative inertness (for the 

temperature range of interest), sufficient knowledge of its thermodynamic 

properties, being inexpensive, non-explosive and abundant in nature [6]. 

Furthermore, it may have a great potential to improve energy conversion in a 

more efficient way while greatly reducing the global discharge of CO2 in the 

world by using waste heats from industrial processes and exhausted gases 

from combustion processes as the energy source of the system, increasing the 

electric energy produced with the same quantity of fuel but also employing 

renewable energy sources of low temperature such as the geothermal, solar, 

etc. It is also a manner of capturing CO2 when it is utilized as working fluid, 

although this effect has rather minor importance because the environmental 

characteristics of this fluid can offer more important benefits.  

 

Due to CO2’s low critical temperature (31.1 ºC), the CO2 power cycle in the 

current study will be a thermodynamic cycle where the working fluid goes 

through both subcritical and supercritical states, “a transcritical cycle”. However, 

the research and information available for the power cycle with CO2 as working 

fluid in low temperature heat source for power generation is limited. In the last 

few years, the transcritical cycle with carbon dioxide has been studied with solar 

energy as the heat source at a temperature near 200 ºC in steady state [21], 

and an annual dynamic performance is simulated in [16]. A small-scale 



prototype has been built and started up [18]. Its feasibility and efficiency has 

been shown to be between 8.78–9.45% [22]. The carbon dioxide transcritical 

power cycle (CDTPC) showed slightly higher power output than the ORC with 

an R123 as working fluid, according to the comparative study carried out in [6]. 

Finally, a methodology is presented in [14] and applied for the study of a CO2 

transcritical cycle supplied by a steady stream of low temperature process 

gases. These results have been calculated for fixed temperature and mass flow 

rate of the heat source, fixed maximum and minimum temperatures in the cycle 

and fixed sink temperature by varying the high pressure of the cycle and its net 

power output. Some of the researchers of [14] developed the study of the 

influence of the input temperature in the turbine (80 ºC – 99 ºC) on the total 

performance of the simple cycle, maintaining the same suppositions of the 

mentioned research, whose results are shown in [23].  

 

The works on the transcritical power cycle with CO2 [6,14,18,21-24] were 

carried out with water at a condensation temperature below 10 ºC, which 

increases the system’s performance considerably, due to the higher pressure 

drop related to the higher value pressure of discharge that can be produced. In 

view of what has been stated, a lack of analysis has been detected on the 

influence of the input temperature in the turbine (60 ºC – 150 ºC) and therefore, 

the influence of the energy source on the performance and on the net specific 

work in a simple system and in a system with an internal heat exchanger (IHX). 

In this paper a water condensation temperature at 15 ºC is considered, which 

will allow these systems to be developed in a huge number of regions. 

 

Main novelty aspects provided in the present paper are based in the scarce of 

information and researches leading to show the influence that have the input 

temperature and pressure to the turbine (and therefore of the energy source), 

as well as the including of an IHX for the power cycle with CO2 as working fluid 

in low temperature heat source for power generation. This is, the lack of an 

exhaustive thermodynamic analysis for this power cycle is the reason why this 

paper has been developed. The results show the existence of an optimum for 



the energy efficiency value as well as for the net specific work for different input 

temperature values in the turbine.  

 

Nomenclature 

A Surface area available for heat transfer, m2 
CDTPC    Carbon Dioxide Transcritical Power Cycle 

E  Exergy rate, kW 
GWP Global Warming Potential 
h Specific enthalpy, kJ/kg 

I  Irreversibility rate, kW 
IHX Internal Heat Exchanger 
m  Mass flow, kg/s 
wne Net specific work 
ODP Ozone Depletion Potential 
ORC Organic Rankine Cycle 
P Pressure, bar 

Q  Heat flow, kW 

state point 1, 2, 2is, 3, 4, 4is 
T Temperature, ºC 
U Overall heat transfer coefficient, kW/(m2 ºC) 

W  Power, kW 
LMT∆  Log mean temperature difference LMTD, ºC 

 
Subscripts 
c Condenser 
e Evaporator 
ex Exchanger 
H Heat source 
in Inlet 
is Isentropic 
L Heat sink 
max Maximum 
n Net. 
out Outlet. 



p Pump. 
t Turbine. 
tot Total 
0 Environmental state 
 
Greek symbols 
η Efficiency 
ρ Density, kg/m3 
 

1. Description of the carbon dioxide transcritical power cycle. 

 

The CDTPC operation principle is the same as the conventional Rankine cycle 

but in this case the working fluid is CO2 instead of water steam. A pump 

pressurizes the liquid fluid, and it is injected in an evaporator to produce a 

vapour that is expanded in a turbine connected to a generator; finally, the exit 

vapour is condensed, starting the new cycle (Fig. 2.a). An Internal Heat 

Exchanger (IHX) can also be included to increase the energy of the expanded 

vapour, preheating the pump fluid that will enter the evaporator as shown in Fig. 

2.b. 

 

According to the state points shown in the schematic diagram of the simple 

process in Fig. 2.a, Fig. 3 presents the CO2 transcritical power cycle in a T-s-

diagram plotted with [25] data. As an example, an ideal cycle process is shown 

by segments that are built from the state points 1, 2is, 3 and 4is marked with (○). 

The line segment 1-2is represents an isentropic expansion with a production of 

output work. Heat is extracted from 2is to 3 along a constant subcritical pressure 

line. Then, an ideal compression of the subcooled liquid from pressure at state 

point 3 to state point 4is is carried out. Finally, the segment 4is-1 represents the 

heat addition at constant supercritical pressure to the highest temperature of the 

cycle at state point 1. 

 



In a real cycle, the expansion and compression processes have certain 

efficiency, i.e., a real cycle is represented by the segments built from the state 

points 1, 2, 3 and 4 marked with (○) in the same Fig. 3. In order to increase the 

process efficiency, an IHX is introduced as in Fig. 2.b, in which a portion of 

rejected heat, represented by an enthalpy drop from 2 to 2IHX at constant 

subcritical pressure, is transferred back to the fluid, raising its enthalpy from 4 to 

4IHX at constant supercritical pressure. Net heat rejection is indicated by the 

enthalpy drop from 2IHX to 3 at constant subcritical pressure. State point 3 is at 

the lowest temperature of the cycle and above the temperature of the heat sink 

(receiving reservoir). Net input heat to the cycle occurs from 4 (or 4IHX) to 1 at 

constant pressure. Net work output is the difference between output work from 

state points 1 to 2 and the input work pump from state points 3 to 4. 

 

2. Modelling of the process. 

 

The equations used to determine the performance of the different CDTPC 

configurations are presented in this section. Using the first law of 

thermodynamics, the performance of a CDTPC can be evaluated under diverse 

working conditions. For both configurations, the analysis assumes the following: 

 

• State: Steady state conditions. 

• Loss: No pressure drop or heat loss in the evaporator, condenser, IHX or 

pipes.  

• Efficiencies:  

o Constant isentropic efficiencies of 75% are assumed for the pump 

as well as for the turbine. 

o The cycle’s total energy efficiency is:  

e

pt

Q
WW


 −
=η  (1) 



           where, 

( )21 hhmWt −×=   (2) 

( )43 hhmWp −×=   (3) 

                 and 

( )41 hhmQe −×=    or   ( )IHXe hhmQ 41 −×=   (4) 

 

 5 

   

 6 

o The exergy efficiency is defined as: 
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   where iI  is the exergy loss (destruction) of each component i 

(evaporator, turbine, condenser, pump and IHX) that can be 

found from an exergy balance: 
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The term iQ  represents the flow of heat transfer at the location 

on the boundary where the instantaneous temperature absolute 

is Ti and the 0 subscripts are relative to the environmental state 

from which no interaction is possible. Finally, the exergy rate for 

each state point is expressed as: 

( ) ( )[ ]000 ssThhmE −−−=   (9) 



• Temperatures: An input temperature of the condensation water T7=15 ºC is 

considered, so an environmental state T0=15 ºC is assumed (since no 

interaction is possible) and a working fluid condensation temperature of 

T3=25 ºC. Otherwise, a pinch point of 5 ºC is maintained between T3 and the 

output temperature of the condensation water (T8) for both configurations. In 

the heating process, the temperature Ti in the high temperature reservoir, 

i.e. the waste heat of the heat source, can be treated as a constant heat 

source at TH. In order to transfer heat, a differential temperature ∆T=20º C is 

considered and therefore, 

HH TTT ∆+= 1  (10) 

In the condensation process, the temperature Ti is the temperature of the 

low-temperature reservoir TL. This temperature is considered to be equal to 

7TTL = . 

• Conditions: Each turbine input temperature previously studied has been 

maintained constant (T1=60 ºC, 90 ºC, 120 ºC and 150 ºC) from a turbine 

input pressure P1=66 bar until the net work at around zero ( 0≅−= ptn WWW  ) 

is achieved for the case of the simple cycle, and also with a temperature 

difference (∆T) between T2 and T4 of at least 5 ºC for the cycle with IHX. The 

outlet pressure P2 in the turbine was always 65 bar. 

 

The thermodynamic analysis of the CDTPC was performed using a process 

simulator HYSYS® (Hyprotech Co., Canada). This simulator is useful for 

thermodynamic analysis, especially steady state condition, and has the 

advantage of including fluid properties and ready to use optimization tools. Its 

predictions have been compared with the ones from [25] and the results are 

very similar. The simulation flow diagram is the same as that presented in Fig. 2 

and the method for resolving every one of its components is the following:  

 



• Turbine: the efficiency of a turbine is given as the ratio of the actual power 

produced ( tW ) in the expansion process to the power produced for an 

isentropic expansion ( istW ,
 ) : 

%W
W
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t
t 100 

,

×= 


η  (11) 

With the inlet and outlet pressures, the inlet temperature and the efficiency 

known, the software calculates the expansion rigorously following the 

isentropic line from the inlet to outlet pressure. Using the enthalpy at that 

point, as well as the specified efficiency, the software determines the actual 

outlet enthalpy. From this value and the outlet pressure, the outlet 

temperature is determined.  

 

• Pump: Calculations are based on the standard pump equation for power, 

which uses the pressure rise, the liquid flow rate and density: 

( )
liquid

idealp
mPPW ρ
 ×−= 34

)(  (12) 

The equation (12) defines the ideal power needed to raise the liquid 

pressure and the actual power requirement of the pump is defined in terms 

of the pump efficiency: 

%W
W
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p 100 
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)( ×= 


η  (13) 

When  the efficiency is less than 100%, the excess energy goes into raising 

the temperature of the outlet stream. However, for a pump, an efficiency of 

100% does not correspond to a true isentropic compression of the liquid.  

 

Combining (12) and (13) leads to the following expression for the actual 

power requirement of the pump: 

( )
( )pliquid

actualp
mPPW ηρ ×
××−= %10034

)(
  (14) 



 

• Heat exchangers: The Heat Exchanger calculations are based on energy 

balances for hot and cold fluids:  

( ) ( )hotoutinhotcoldinoutcold hhmhhm −×=−×   (15) 

and the total heat transferred between the tube and shell sides (Heat 

Exchanger duty) can be defined in terms of the overall heat transfer 

coefficient, the area available for heat exchange, and the log mean 

temperature difference: 

LMex TAUQ ∆××=  (16) 

where: 

( ))(ln 21

21

TT
TTTLM ∆∆

∆−∆
=∆  (17) 

and: 

outcoldinhot TTT ,,1 −=∆  (18) 

 incoldouthot TTT ,,2 −=∆  (19) 

 

In our case, the condenser and IHX require more detailed explanations due 

to the special conditions of the CDTPC studied. Indeed, the traditional 

definition of its effectiveness and the LMTD methods, which is based on the 

assumption of constant specific heat, cannot be used because, for the CO2, 

this property varies considerably with the temperature near the critical state 

and in general, for the case of supercritical fluids according to [14] . Based 

on this observation, a method is needed for calculating the interchanges, 

taking into account this variation in the properties of the supercritical CO2. 

The “weighted model” method provided by the software used is an excellent 

model to deal with non linear heat curve problems such as the phase 

change of pure components in one or both heat exchanger heat sides. With 

the weighted model, the heating curves are broken into intervals, and an 



energy balance is performed along each interval. An LMTD and UA are 

calculated rigorously for each interval in the heat curve, and summed to 

calculate the overall exchanger UA. Furthermore, when this method is 

selected, it is possible to use the function “auto interval”, which determines 

where points should be added to the heat curve, making the calculations 

until the lowest number of intervals and a minimum mistake value are 

obtained. The results obtained with this method are similar to those 

achieved in [14,23], which discretize the heat exchangers, the variation in 

properties being very small in each step, allowing an average constant 

value, different for each step, to be taken. However, unlike in the present 

work, they simplified the calculation of the LMTD using the difference 

between the mean temperatures of each step. 

 

The weighted model is available only for counter current exchangers, and it 

is essentially an energy and material balance model. Other methods of this 

software, such as the “end point model”, treat the heat curves for both Heat 

Exchanger sides as linear. For simple problems, where there is no phase 

change and Cp is relatively constant, this option may be sufficient to model 

the Heat Exchanger: For non-linear heat flow problems the weighted model 

should be used instead. 

 

• Evaporator: For the calculation of the cycle performance, it is only necessary 

to know how much energy is required to heat the process flow directed to 

the turbine. Because it is not our objective to study the conditions of the 

utility itself, that's why it is used the available evaporator in the software in 

which the inlet stream to the evaporator is heated to the required outlet 

conditions i.e., until the conditions established in the turbine entrance and 

according to the Fig. 2, the energy stream, eQ  provides the enthalpy 

difference between the two streams.  

 

 



3. Results and discussion. 

 

This section presents the results obtained in the simulations carried out. The 

procedure for analyzing the behaviour of the CDTPC consisted of varying the 

input pressure to the turbine from 1 bar over the discharge pressure (65 bar) 

until the net work was nearly zero or until pressure and temperature conditions 

no longer allowed the fluid to be in a gaseous state for injection to the turbine. 

This was done by maintaining each of the evaluated temperatures (60 ºC, 90 

ºC, 120 ºC and 150 ºC) constant. Furthermore, this analysis took into account 

the effect of adding an IHX to the cycle until its presence was justified, i.e., until 

T2-T4 was below 5 ºC for each of the four temperatures studied. 

 

3.1 Energy analysis. 
 

Results achieved in the simulations carried out are shown in Figs. 4 and 5. The 

blue tendency lines and the open blue symbols indicate the energy efficiencies 

of the simple cycle, the green tendency lines and the green bold symbols point 

to the energy efficiencies of the cycle with IHX and the discontinuous red lines 

represent the net specific work (wne). On the other hand, symbols represented 

with a triangle (▲), square (■), circle (●) and rhombus (♦) are linked with the 

analyzed temperatures of 150 ºC, 120 ºC, 90 ºC and 60 ºC, respectively. The 

curves obtained in Figs. 4 and 5 conform to the type 2
11 PcPbay ×+×+= , 

where “y” refers to wne or η. The coefficients and the R2 for these equations are 

presented in Table 1. 

 

A glance at Figs. 4 and 5 shows a parabola-like behaviour and thus the 

existence of a maximum for both the η and the wne at all four temperatures. 

There are several reasons for this: first, noting that the input temperature and 

the discharge pressure of the turbine are fixed; second, we assume that the 

work produced by this device is that given by (2); third, as can be seen in Fig. 3, 

for a constant temperature, when the pressure increases, Δh rises, and tW  



along with it, which ensures the increase of both η and the wne of the cycle. The 

above is true until, due to the thermodynamic properties of each particular fluid, 

a maximum pressure value appears for η and wne separately, in which the work 

done by the pump becomes appreciable, decreasing the wne, and therefore 

decreasing the energy efficiency of the cycle as the variable pressure rises, as 

in [23]. 

 

As discussed previously, the work of expansion increases as the input pressure 

to the turbine increases. However, the necessary pumping work also rises, as 

can be seen in Fig. 6 (in which only the results obtained for the simple cycle 

with T1=150 ºC are shown, since its behaviour is similar to that of the rest of the 

analyzed cases). The approximation equations and correlation 

coefficients of the curves presented at Fig. 6 are 
2

11 001012055805526 P.P..Wt ×−×+−=  with R2= 97.6% and 

1205299034513 P..Wp ×+−= , with  R2= 100.0%, respectively. 

 

A rigorous analysis of Fig. 6 allows us to see that the rate of increase in the 

work produced by expansion is higher than the rate of increase in the necessary 

work for the pump, e.g., for P1=130 bar, 0.3 kW/bar is produced, whereas 0.2 

kW/bar are essential for the pump. This is true until, at a particular pressure 

value (in this case, P1≈150 bar), the rate of increase in the values of the pump 

work exceed those of the expansion work, and consequently, the wne begins to 

decrease, i.e., for a pressure P1=170 bar, 0.15 kW/bar is produced, while 0.2 

kW/bar is required by the pump. This behaviour, of the existence of a maximum 

for the wne, is similar to that found in [14,16,23]. 

 

However, the fact that the pressures which make the η maximum and the wne 

are different is related to the variation of eQ , something which is necessary to 

achieve the imposed turbine input conditions. Figure 7 analyzes this behaviour 

and as expected, the eQ  decreases as the input pressure to the turbine 

increases for the simple cycle. This is due to the rise in the outlet temperature of 



the pump (because of the heat given off by the pump inefficiencies), and 

therefore the entrance to the evaporator, which supposes a lower heat transfer 

requirement. As in the case of the simple cycle, the rise in input pressure to the 

turbine for the cycle with IHX causes a decrease in the output temperature of 

the fluid in the turbine and an increase in the output temperature of the pump. 

Thus, progressively less heat can be used in the IHX, requiring an increase in 

the heat to be applied in the evaporator. On the other hand, this eQ  for the cycle 

with IHX is always less than the simple cycle for any pressure P1 and for each 

temperature evaluated as can be seen in Fig. 7. In addition, it is worth noting 

that in this same Fig. 7, the tendency is similar and the difference is not very 

appreciable in the values of the curves for the case of the cycle with IHX. This is 

because, for the same pressure, the outlet temperature of the cold side (T4IHX) of 

this heat exchanger differs by only a few degrees in each of the evaluated 

temperatures. For the curves obtained in the Fig. 7, the parameters of 

adjustment equations conform to the type 2
11 PcPbaQe ×+×+= , with their 

corresponding correlation coefficients, are presented in the Table 2. 

 

Figs. 4, 5, 6 and 7 show that, depending on the inclusion or not of an IHX, the 

benefits from the input temperature of the turbine and the design criteria for the 

chosen cycle (maximum η, maximum wne or a value between both) are 

different. A more exhaustive analysis of this appreciation is explained in the 

following sections. However, only the results obtained for T1=150 ºC are 

commented on in sections 3.1.1 and 3.1.2, due to the similar behaviour with the 

rest of analyzed cases. 

 

3.1.1 Effect on the maximum energy efficiency (ηmax) and the net specific work 

(wne) of the cycle with the inclusion of an IHX. 

According to the results presented in Fig. 4 and taking the ηmax as the base 

criteria of design, i.e. comparing the maximum obtained values of the energy 

efficiency when an IHX is incorporated versus the simple cycle, an increase in 

the efficiency of 1.7% (passing from 8.1% to 9.8%, i.e., 21% more) can be 



appreciated. The wne, meanwhile, increases by 0.4 kJ/kg, (passing from 17.5 to 

17.9, i.e., 2.3% more). Therefore, and according to the remarks in [14,16], 

including an IHX increases the energy efficiency of the cycle. However, that 

value greatly depends on the input temperature to the turbine, as will be 

explained in a later section. 

 

3.1.2 Effect on the energy efficiency (η ) of the cycle with the inclusion of an IHX 

based on the design criteria for a maximum net specific work (wnemax). 

In this case, and according to the results presented in the same Fig. 4, if the 

priority of the design is to obtain the maximum work, which occurs at P1=150 

bar, adding an IHX causes an increase in η of 1.8% (from 7.8% to 9.6%, i.e., 

23%). 

 

In the same way, when ηmax  (obtained with the IHX) and the η (achieved with 

the conditions that make wnemax) are compared, a percentage decrease of only 

0.2%, (i.e., 2% less) can be appreciated for the evaluated temperature of 150 

ºC. Likewise, doing this same comparison for the energy efficiency without IHX, 

the decrease is 0.3% (i.e., 3.8% less). Clearly, a very low reduction of η has 

been achieved when compared with that obtained with the condition of wnemax 

and of ηmax for both cases (with IHX, 2% as maximum, and without IHX, 3.8% as 

maximum). Furthermore, as happens with the criterion of design based on ηmax, 

the inclusion of IHX increases the η of the cycle, which depends on temperature 

achieved at the input of the turbine.  

 

3.1.3 Effect of the input temperature to the turbine taking ηmax as design 

criterion. 

An analysis of the effect that the input temperature of the turbine has, when 

taking the maximum energy efficiency of the system as base criterion, shows 

how both η and the wne rise sharply in line with the increase of temperature (a 

similar behaviour can be inferred from the results in [23]). For the case of the 

simple cycle, the effect of increasing the temperature from 60 ºC to 90 ºC, from 



90 ºC to 120 ºC and from 120 ºC to 150 ºC, is to raise the η by 2.1%, 1.9% and 

1.6% (i.e., 84%, 41.3% and 24.6% more) and the wne by 4.1 kJ/kg, 4.6 kJ/kg 

and 5.5 kJ/kg (i.e., 124.2%, 62.1% and 45.8% more), respectively. However, 

this supposes an increase in the pressure of the system by 25 bar, 25 bar and 

27 bar, respectively; with both the technical and the economic problems that 

this would entail. 

 

Likewise, under the same considerations but for the case of the cycle with IHX, 

the increase of the input temperature to the turbine from 60 ºC to 90 ºC, from 90 

ºC to 120 ºC and from 120 ºC to 150 ºC causes an increase of the maximum 

energy efficiency of the system of 2.5%, 2.4% and 2.5% (i.e., 104.1%, 48.9% 

and 34.2% more) and of the wne by 4.1 kJ/kg, 5.1 kJ/kg and 5.3 kJ/kg (i.e., 

120.5%, 48.9% and 34.2% more), respectively. The pressure must also 

increase by 17 bar, 16 bar, 12 bar, in this order. In conclusion, increasing the 

input temperature to the turbine from 60 ºC to 150 ºC, for the case of the simple 

cycle, causes an increase of the energy efficiency of 5.6% (i.e., 224% more) 

and of the wne of 14.2 kJ/kg (i.e., 430% more); whereas, for the cycle with IHX, 

this increase is of 7.4% (308% more) and 14.5 kJ/kg (426% more), respectively. 

 

3.1.4 Effect of the input temperature to the turbine taking the wnemax as base 

criterion of design. 

If the analysis is done with the criteria of wnemax., the effect of increasing the 

temperature from 60 ºC to 90 ºC, from 90 ºC to 120 ºC and from 120 ºC to 150 

ºC raises the wnemax for the case of the simple cycle by 4.3 kJ/kg, 5.0 kJ/kg and 

5.4 kJ/kg (i,e., 122.8%, 64.1%, 42.1% more) respectively; whereas the η rises 

by 2%, 1.8% and 1.6% (i.e., 79.5%, 40.9%, 25.8% more) and with requirements 

of a pressure increase of 18 bar, 20 bar and 22 bar, in this order. Under the 

same design premises, for the case of the cycle with IHX, the increase of input 

temperature to the turbine, the wnemax and the pressure are evidently equal to 

those presented in the simple cycle. However, η increases by 2.4% for each of 

the three temperature levels studied (i.e., 100%, 50% and 33.3% more). In 

short, starting with the design criterion of wnemax and for the cycle with and 



without IHX, the increase of input temperature to the turbine from 60 ºC to 150 

ºC supposes an increase of the wnemax by 14.7 kJ/kg (i.e., 420% more); 

likewise, the η for the case of the simple cycle rises by 5.4% (i.e. 218.3% more) 

and for the cycle with IHX by 7.2% (i.e., 300% more).  

 

According to the above remarks, the effect of increasing the input temperature 

to the turbine, whenever possible, supposes a sharp increase of both η and the 

wne in the system for both configurations, with and without IHX. Furthermore, it 

is known that the inclusion of the IHX causes an increase of the energy 

efficiency cycle, but other aspects of these results as the raise of the capital 

cost of the overall system and the complexity of the flow scheme will have to be 

analyzed deeply in future works. In the same way, an analysis of a CDTPC has 

not been reported in the literature with optimization tools for the achievement of 

a higher efficient through process integration, e.g, by means of a pinch analysis. 

Moreover, and because of the CDTPC proposed can work with low enthalpy 

heats, coming from waste heats of processes or from low-calorific value fuels 

burning, other interested researches to approach in the future, will have to study 

the full plant of power generation. 

 

3.2 Exergy analysis. 

 

The work fluid tends to continually increase the temperature in the evaporator 

because, when it is over the critical point, there is no coexistence between the 

liquid and gaseous phases in a range of temperatures. Thus, for the 

supercritical cycle, fewer and more uniform differences of temperatures with 

respect to the thermal source will be produced, causing an important reduction 

in the irreversibility, as well as an increase in the mean temperature of heat 

acceptance and therefore of the thermal and exergy yield. Furthermore, the 

results obtained in the previous section, showing the non-existence of an 

operation point that produces a maximum, at the same time, of both efficiency 

and specific net work, make the use of other criteria (such as the exergy) or an 

analysis that reasonably optimizes and/or involves both parameters 



indispensable. Thus, an exergy analysis of the process has been carried out on 

the basis of the results obtained from the simulations using both the model and 

the suppositions and parameters mentioned in section 2. However, the 

procedure used to analyze the behaviour of the CDTPC was the same as that 

mentioned in section 3.1, whose results are shown in Figs. 8 and 9.  

 

Some figures have been made by means of graphs to analyze what happens in 

each of the devices that make up the cycle when the input pressure to the 

turbine increases beyond the irreversibility of the process, in percentages and 

kW, for both the simple cycle (a and b) as well as those with an IHX (c and d). 

However, in Figs. 8.a, b, c and d, only the results for 150 ºC are represented as 

input temperature to the turbine. This is due to the similar behaviour for the rest 

of the temperatures evaluated. For the curves obtained in the Fig. 8, the 

parameters of adjustment equations conform to the type 2
11 PcPbaI ×+×+= , 

with their corresponding correlation coefficients, for the cycles without and with 

IHX are presented in the Table  3 and 4, respectively. 

 

Figs. 8.a and b show that when the input pressure to the turbine increases, the 

irreversibility of the heat flow in the evaporator, as well as in the condenser, 

decreases, while those of the turbine and pump rise. The explanation for this is 

related to the rise in the temperature of the fluid in the pump outlet when a 

higher discharge pressure is imposed on the pump (and therefore on the input 

pressure to the turbine). This causes the irreversibility by heat flow in the 

evaporator to decrease when the temperature of the fluid approaches the 

temperature of the heat source (a hypothesis in keeping with that explained in 

[26]). The same happens with respect to the condenser when a lower discharge 

temperature is produced. However, the increase of the destruction of exergy by 

work is less than that of these exchangers, and hence the destruction of total 

exergy decreases in line with the increase in the input pressure to the turbine, 

being more appreciable at pressures below 150 bar, as shown in Fig. 8.b. 

 



Under the same suppositions, an analysis has been carried out of the cycle with 

IHX whose results are presented in Figs. 8.c and d. Evidently, the incorporation 

of an IHX causes a considerable decrease in the destruction of exergy in the 

condenser, due to the decrease in the heat flow needed to extract the fluid. This 

is because it has already exchanged the heat previously in the IHX and 

therefore, this is the last device where the majority of the destruction of the 

exergy by heat flow is produced (together with the evaporator). Nevertheless, 

as the input pressure to the turbine increases, the irreversibility in the IHX 

decreases sharply because of the increase of the temperature of the fluid 

discharged by the pump. The output temperature of the turbine also decreases, 

and therefore, the heat transfer in this exchanger too. In conclusion, the heat 

flow needed in the evaporator to bring the fluid to the design condition of 150 ºC 

increases and, therefore, the destruction of exergy in this device. 

 

In general, it can be said that, when the input pressure to the turbine increases 

in the case of the cycle with IHX, the exergy destroyed rises gently (Fig. 8.d). 

However, the addition of this device causes a decrease of between 20-60% in 

the irreversibility when compared with those generated in the simple cycle, as 

indicated in Figs. 8.b and d. 

 

The results obtained when the turbine input pressure increases over the exergy 

efficiency of the process with and without IHX, and for the different evaluated 

temperatures, are presented in Fig. 9. As can be observed, unlike the energy 

efficiency, the exergy efficiency has no maximum, but while the operation 

pressure of the process rises, the exergy efficiency also increases, for both the 

simple cycle (with similar results to those mentioned in [14]) and the cycle with 

IHX. However, it can be concluded that, depending on the addition of an IHX 

and on the turbine input temperature and pressure, there can be differences in 

the value of the exergy efficiency; hence, they can condition the design criterion 

of the chosen cycle in the obtaining of a maximum energy efficiency or a 

maximum net specific work. The curves obtained in Fig. 9 also fit quite well to 



the form 2
11 PcPbaE ×+×+=η . The coefficients and the R2 for these equations 

are shown in Table 5. 

 

3.2.1 Effect of the input temperature to the turbine on the exergy efficiency (ηE). 

Figure 9 shows that, for both the case of the simple cycle and for that of the IHX 

and with a specific pressure, the increase in the input temperature to the turbine 

causes a decrease of the exergy efficiency of the cycle as a result of the 

increase of irreversibility due to the rise in heat flow required. For example, at a 

pressure of 150 bar, and two different turbine input temperatures of 120 ºC and 

150 ºC, the exergy efficiency decreases by 10% (a change from 40% to 36%, 

respectively).  

 

For the cycle with IHX, this effect stops being perceptible for pressures over 100 

bar, while for lower pressures it causes a very appreciable decrease in the 

exergy efficiency of the process, e.g., at a pressure of 80 bar and two turbine 

input temperatures of 120 ºC and 150 ºC, the exergy efficiency decreases by 

3.5% (a change from 29% to 28%, respectively). However, when the highest 

and lowest temperatures to be analyzed in the present study (i.e., a change 

from 150 ºC to 60 ºC) are compared at the same pressure, the exergy efficiency 

increases by 20% (a change from 28% to 35%). This is due to the low variation 

in the heat flow required to evaporate the CO2 (and hence of the irreversibility), 

due to the heat recovery by the IHX.  

 

3.2.2 Effect of the input pressure to the turbine on the exergy efficiency (ηE). 

When a high discharge pressure is imposed on a pump (and therefore on the 

turbine input), the output temperature of the work fluid rises, causing a decrease 

in the irreversibility by heat flow in the evaporator, as the temperature of this 

fluid approaches that of the heat source. Hence, an increase of the input 

pressure to the turbine, for both the simple cycle and that with IHX, causes an 

increase in the exergy efficiency, as presented in Fig. 9. Its behaviour tends to 

be asymptotic (even more so for the case of the cycle with IHX), the maximum 



of the temperatures of  90 ºC, 120 ºC and 150 ºC being around 50%. For the 

temperature of 60 ºC, however, it is limited by its maximum operating pressure 

to 40%. Nevertheless, a decrease in the input temperature to the turbine causes 

a decrease in the sensitivity of the process in relation with the exergy efficiency 

(and much lower for the cycle with IHX). In other words, the lower the input 

temperature to the turbine, the lower the gain in exergy efficiency for a short 

increase of pressure. This effect decreases whenever it approaches the value 

of its asymptote in each case. For instance, in the case of a simple cycle and 

that with IHX, an increase of 20 bar (from 80 to 100 bar) and for the 

temperature of 150 ºC, causes an increase in the exergy efficiency of 110% (a 

change from 10% to 21%) and of 42% (a change from 28% to 40%), 

respectively. While the same increase of pressure for the temperature of 90 ºC 

produces an increase of 87% (a change from 15% to 28%) for the case of 

simple cycle and 35% (a change from 31% to 42%) for the cycle with IHX. 

 

3.2.3 Effect of the inclusion of an IHX on the exergy efficiency (ηE). 

Evidently, the inclusion of an IHX causes an important decrease of heat flow 

required in the process and therefore also of the irreversibility (see Figs. 8.c and 

d). Thus, for a same input pressure to the turbine, the inclusion of an IHX 

causes an increase of up to 200% in the exergy efficiency, a difference that 

effectively decreases as the input pressure to the turbine increases for all the 

temperatures studied, as can be seen in Fig. 9. For instance, for the 

temperature of 150 ºC and a pressure of 80 bar, the inclusion of an IHX causes 

an increase of 180% (a change from 10% to 28%) in the value of the exergy 

efficiency; while, for the same temperature and a pressure of 100 bar, the 

increase drops to 90% (a change from 21% to 40%). Thus, the increase in the 

exergy efficiency when an IHX is introduced drops, when the input temperature 

of the turbine decreases. For example, for the same input pressure to the 

turbine of 80 bar, but with an input temperature of 60 ºC, the exergy efficiency 

increases by only 84% (a change from 19% to 35%). 

 

 



3.3 Optimum conditions of design. 

 

According to the results presented in the previous sections, the mean values of 

the maximum pressures for the energy efficiency, as well as for the net specific 

work for each of the temperatures studied, have been considered as optimum 

design conditions, irrespective of whether the IHX is included or not. These 

results are shown in Table 6, where the values of net specific work and the 

energy and exergy efficiency corresponding to this optimum pressure point are 

included. If they are compared with the maximum values achieved for these 

parameters, a decrease in the energy efficiency of 0.15% is obtained as 

maximum, (equivalent to 2.3%); while, for the case of the wne, it decreases by 

only 0.3 kJ/kg as maximum (also equivalent to only 2.3%). However, as the 

exergy efficiency is always increasing, having a mean design point causes a 

decrease, or an increase, of around 2% as maximum (equivalent to 6%). This 

depends on the point of comparison, either ηmax or wnemax, and also on the 

presence of the IHX (due to the location to the right of the maximum energy 

efficiency point with regard to the maximum point of the wne for a simple cycle 

and to the left for the cycle with IHX, as can be seen in Figs. 4 and 5). In other 

words, for a simple cycle, the ηE decreases if it is compared with the one 

obtained for ηmax, and increases if it is related with the wnemax. Further, when the 

IHX is included, the behaviour is the opposite. 

 

Conclusions. 

Considering the energy analysis carried out, the existence of an optimum 

maximum for the energy efficiency, as well as for the specific net work, is 

obvious. Additionally, it can be seen how the increase of the input temperature 

to the turbine supposes an increase in the value of such parameters for both 

configurations with and without IHX. However, there is no operation point that 

produces, at the same time, a maximum in terms of efficiency and specific net 

work; hence, the use of other criteria is indispensable for deciding between 

these options or for imposing an intermediate value of pressure that reasonably 

balances both parameters. The exergy efficiency, however, does not present a 



maximum. It does increase, nevertheless, in line with the increase in the 

operation pressure of the process, in both the simple cycle and that with IHX. 

Furthermore, differences in the values of the exergy efficiency are observed, 

depending on whether or not an IHX is included and on the input temperature 

and pressure to the turbine. This can condition the design criterion for the 

selected cycle for obtaining a maximum efficiency or a maximum wne. 

 

Based on the simulations carried out, it can be concluded that the CDTPC is 

suitable for the production of useful energy using low enthalpy heat, as it is 

possible to operate in relatively low temperature ranges. In addition, many of 

the aspects taken into account nowadays in these processes, such as 

environmental issues, safety and efficient and rational use of energy are 

satisfied. However, the real application of the proposed cycle depends strongly 

on the cost of the equipment for the high pressures required for its operation.  
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TABLES 

 

Table 1.  Coefficients and R2 for curves η and wne according to Figs. 4 
and 5 and for the temperatures studied. 

Table 2.  Coefficients and R2 for curves eQ  according to Fig. 7 and for the 

temperatures studied. 

Table 3.  Coefficients and R2 for I  curves  according to Fig. 8.a and b. 

Table 4.  Coefficients and R2 for I  curves  according to Fig. 8.c and d. 

Table 5.  Coefficients and R2 for ηE curves according to Fig. 9 and for the 
temperatures studied. 

Table 6.  Optimum conditions of design. 



Table 1. 

Coeff. 

Temperature (ºC) 
150  120  90  60 

η 
without 

IHX 

η 
with IHX 

wne  
η 

without 
IHX 

η 
with IHX 

wne  
η 

without 
IHX 

η 
with IHX 

wne  
η 

without 
IHX 

η 
with 
IHX 

wne 

a -8.504 -20.48 -13.20  -11.46 -23.94 -18.16  -16.46 -29.63 -25.28  -25.01 -6.774 - 40.10 

b 0.1816 0.4239 0.3527  0.2366 0.5133 0.4163  0.3506 0.6685 0.5614  0.5904 0.1080 0.9656 

c -0,000495 -0.001457 -0.001012  -0.000780 -0.002085 -0.001422  -0.001460 -0.003226 -0.002407  -0.003167 - -0.005343 

R2 (%) 97.1 95.1 87.7  98.3 97.6 89.6  99.7 99.3 94.2  100.0 94.3 99.6 

 
Table 2. 

Coeff. 

Temperature (ºC) 
150  120  90  60 

without 
IHX with IHX  without 

IHX with IHX  without 
IHX 

with 
IHX 

 without 
IHX with IHX 

a 349.9 43.35  326.2 29.34  302.1 14.31  242.2 68.91 
b -0.8895 1.579  -1.069 1.881  -1.241 2.275  -0.4183 0.8888 
c 0.000694 -0.004010  0.000893 -0.005772  0.000574 -0.008457  -0.007676 - 

R2 (%) 100.0 99.6  100.0 99.8  100.0 100.0  100.0 99.5 

 



 
Table 3.   

Coeff. eI   cI   tI   pI  

(kW) (%)  (kW) (%)  (kW) (%)  (kW) (%) 
a 93.41 73.91  52.37 45.80  -7.232 -15.08  -2.964 -4.623 
b -0.5139 -0.1138  -0.3392 -0.1854  0.1464 0.2494  0.04240 0.04986 
c 0.000843 -0.000109  0.000615 0.000236  -0.000233 -0.000301  0.000031 0.000173 

R2 (%) 99.2 99.8  98.7 99.9  99.5 99.9  100.0 99,8 
 
 

Table 4.   

Coeff. eI   cI   tI   pI   IHXI  

(kW) (%)*  (kW) (%)  (kW) (%)  (kW) (%)  (kW) (%) 
a 4.275 - 67,26  -0.4796 -3.088  -9.883 -29.73  -2.673 -9.633  56.02 140.7 
b 0.2439 2,645  0.01497 0.07955  0.1894 0.5889  0.03764 0.1588  - 0.6634 -1.663 
c -0.000708 - 0,01774  0.000050 -0.000093  -0.000389 -0.001583  0.000049 -0.000208  0.001962 0.004904 

R2 (%) 94.0 98.5  100.0 99.9  99.9 99.8  100.0 100.0  98.3 98.7 

* 3
10000380 P×+ .  

 
 



Table 5. 

Coeff. 

Temperature (ºC) 
150  120  90  60 

without 
IHX with IHX  without 

IHX with IHX  without 
IHX 

with 
IHX 

 without 
IHX with IHX 

a -28.81 -61.94  -44.32 -87.24  -72.34 -136.9  -146.1 -49.42 
b 0.5876 1.426  0.8566 2.028  1.411 3.263  3.086 1.037 
c -0.001080 -0.004476  -0.001950 -0.007598  -0.004201 -0.01468  -0.01285 - 

R2 (%) 98.2 96.9  98.8 98.5  99.6 99.6  100.0 98.0 
 
 

Table 6. 

Parameter 

Temperature (ºC) 

150  120  90  60 

With 
IHX 

Without 
IHX  With 

IHX 
Without 

IHX  With 
IHX 

Without 
IHX  With 

IHX 
Without 

IHX 

Pressure [bar] 141 161  124 136.5  106 114  88.5 92.5 
η [%] 9.8 8.0  7.3 6.4  4.8 4.5  2.4 2.5 

Eη [%] 48 38  46 36  43 34  40 30 

nsw [kJ/kg] 18.1 18  12.6 12.5  7.7 7.6  3.5 3.4 
 



FIGURES 
 
Fig. 1.  Schematic diagram of the temperature variation between heat 
source (- - -)  and working fluid (      ) in the counter current evaporator for 
azeotrope or single fluid, zeotrope and supercritical process, respectively. 
 
Fig. 2.  Schematics diagram of the process simple (a) and with IHX (b).     
(t) Turbine, (c) Condenser, (p) Pump, (e) Evaporator, (ex) Internal Heat 
Exchanger. 
 
Fig. 3.  T-s Diagram for differents CO2 transcritical power cycles. 
 

Fig. 4.  Energy efficiency (η ) with IHX (▲) and without IHX (Δ), and net 
specific work (wne) produced vs. Pressure P1 for T1=150 ºC. 
 

Fig. 5.  Energy efficiency (η ) with IHX (bold symbols) and without IHX 
(open symbols), and net specific work (wne) produced (discontinuos 
lines) vs. Pressure P1 for T1=120 ºC (square), 90 ºC (circle), and 60 ºC 
(rhombus). 
 
Fig. 6.  Work produced and consumed by the turbine and the pump, 
respectively vs Pressure P1 at T1=150 ºC, without IHX. 
 
Fig. 7.  Heat required in the evaporator vs. input pressure to the turbine P1 
for each one of the temperatures studied in the cycle with and without 
IHX. 
 
Fig. 8.  Effect of the input pressure in the turbine over the irreversibilities 
of the process in an input temperature to the turbine at 150 ºC for the 
cycle without IHX (a), (b) and for the cycle with IXH (c), (d). 
 
Fig. 9.  Exergy efficiency vs Pressure P1 with and without IHX and for the 
studied temperatures. 
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Fig. 4.   



0

1

2

3

4

5

6

7

8

9

10

60 70 80 90 100 110 120 130 140 150 160 170 180 190 200 210 220 230 240 250 260

Pressure, P1 (bar)

En
er

gy
 E

ffi
ci

en
cy

 (%
)

0

2

4

6

8

10

12

14

16

18

20

N
et

 s
pe

ci
fic

 w
or

k 
(k

J/
/k

g)

n T1=120 ºC n T1=90 ºC n T1=60 ºC
n IHX T1=120 ºC n IHX T1=90 ºC n IHX T1=60 ºC
wne T1=120 ºC wne T1=90 ºC wne T1=60 ºC

 

Fig. 5. 

 

 

0

10

20

30

40

50

60

60 80 100 120 140 160 180 200 220 240 260 280 300 320

W
or

k 
(k

W
)

Pressure, P1 (bar)

Wt

Wp

 

Fig. 6.   



100

120

140

160

180

200

220

240

260

280

300

60 70 80 90 100 110 120 130 140 150 160 170 180 190 200 210 220 230 240 250 260

Pressure, P1 (bar)

Ev
ap

or
at

or
 h

ea
t f

lo
w

, Q
e 

(k
W

)
Qe IHX T1=150ºC Qe T1=150ºC

Qe IHX T1=120ºC Qe T1=120ºC

Qe IHX T1=90ºC Qe T1=90ºC
Qe IHX T1=60ºC Qe T1 =60ºC

 

Fig. 7.   

 

0

10

20

30

40

50

60

65 85 105 125 145 165 185 205 225 245 265 285 305

Irr
ev

er
ve

rs
ib

ili
ty

 r
at

e 
(%

)

Pressure, P1 (bar)

Ie Ic It Ip
 

0

10

20

30

40

50

60

70

80

90

100

65 85 105 125 145 165 185 205 225 245 265 285 305

Irr
ev

er
si

bi
lit

y 
ra

te
 (k

W
)

Pressure P1 (bar)

Ie Ic It Ip Itot  

(a) (b) 
 



0

10

20

30

40

50

60

65 75 85 95 105 115 125 135 145 155 165 175 185 195 205

Irr
ev

er
ve

rs
ib

ili
ty

 ra
te

 (%
)

Pressure, P1 (bar)

Ie Ic It Ip IIHX
 

0

5

10

15

20

25

30

35

40

45

50

65 75 85 95 105 115 125 135 145 155 165 175 185 195 205

Irr
ev

er
si

bi
lit

y 
ra

te
 (k

W
)

Pressure, P1 (bar)

Ie Ic It Ip IIHX ITot
 

(c) (d) 
Fig. 8. 

 

0

10

20

30

40

50

60 70 80 90 100 110120130140150160170180190200210220230240250260

Ex
er

gy
 e

ffi
ci

en
cy

 (%
)

Pressure, P1 (bar)

nE T1=150 ºC nE IHX T1=150 ºC
nE T1=120 ºC nE IHX T1=120 ºC
nE T1=90 ºC nE IHX T1=90 ºC
nE T1=60 ºC nE IHX T1=60 ºC

 

Fig. 9.   


	Manuscript_Final
	Tables_Final
	Figures_Final

